Abstract: In high speed rotating machines such as turbines and generators, vibrations of a rotating shaft often hinder the smooth operation of the machine or even cause failure. Oil whip is one of such vibrations due to oil film action of journal bearing. Its mechanism and preventive method is explained and proposed in this paper. Further theoretical and experimental analyses are made for considering heat generation and temperature rise in hydrodynamic lubrication. The usefulness of the lubrication theory based on the k-" model is also shown for bearings with high eccentricity ratios. In the latter half of this paper, water lubrication, nitrogen gas lubrication and tribo-coated indium lubrication are shown as new promising methods, and their mechanisms are discussed and the importance of tribo-layer is explained. Some mechanisms of wear are introduced for better understanding of tribo-layer. In the last part of this paper, the mechanisms of generating static friction are shown for the cases of plastic contact and elastic contact, which is the base for understanding the mechanism of initiation of macroscopic sliding.
Introduction
Tribology is a word first used in Jost Report of the British Department of Education and Science in 1966. Its definition is as follows:
Tribology is the science and technology of interacting surfaces in relative motion and of the practices related thereto.
Therefore, tribology covers all the fields of friction, wear and lubrication. It is from Greek tribos which means rubbing.
The friction law between solid surfaces was studied by Leonardo da Vinci and later by Amonton and Coulomb, and its empirical law was established by the year 1800. Its qualitative explanation was given in 1920-50 by Bowden and Tabor using the adhesion theory of micro asperity junctions. The mechanism of hydrodynamic lubrication which is necessary for reducing friction was experimentally clarified by Tower in 1883 and was mathematically formulated by Reynolds in 1886. Many lubrication problems have been solved since then by using Reynolds' theory, including the lubrication analysis of reciprocating bearings by Yokobori in 1945.
On the other hand, rotating machinery, the speed of which increased rapidly in the first half of 20th century, faced the problem of violent vibrations of a shaft (oil whip) at a rotary speed of the shaft over twice the critical speed due to the oil film action of the bearings and this prohibited the increase in speed and length of shafts for many years. In the same period, machines began to face the strong demand of high reliability for their higher ability and complexity. As a result, studies on the wear law of solids became active rapidly, and the confirmation of the macroscopic wear law and the understanding of microscopic mechanisms were problems to be solved. The necessity of unifying science and technology related to friction, wear and lubrication was strongly recognized, and finally a new word ''tribology'' was introduced as an interdisciplinary concept as stated above.
In this paper, some recent achievements by the authors in hydrodynamic lubrication and those in friction, wear and solid lubrication will be explained.
Hydrodynamic lubrication
Hori, one of the authors, has been interested in various problems in the hydrodynamic lubrication such as stability of rotating shafts in journal bearings, 1),2) foil bearings, 3) sinusoidal squeeze films, 4) heat generation 5), 6 ) and turbulence 7) in the lubricating films. See the Ref. 8 .
In the following, stability of rotating shafts in journal bearings and some related problems will be discussed with special emphasis on oil whip. Seismic effect on oil whip will also be discussed. Heat generation and turbulence will be referred to very briefly.
2.1 Stability of a rotating shaft in journal bearings. 2.1.1 Oil whip. In high speed rotating machines such as turbines and generators, vibrations of a rotating shaft often hinder the smooth operation of the machine or even cause failure. Oil whip is one of such vibrations due to the oil film action of journal bearings. Oil whip was first reported by Newkirk and Taylor as a new kind of severe vibrations at speeds over twice the critical speed of the shaft (1925) . 9) Since the vibration disappeared when oil supply was stopped and it resumed when the oil was supplied again, they concluded that the vibration was caused by the oil film in the bearing and named it oil whip. The phenomenon will be described in more detail in Fig. 1 .
When the rotating speed of a shaft is gradually increased from zero, a large resonant vibration occurs in the shaft at the critical speed ! 1 . The vibration diminishes, however, when the rotating speed passes the critical speed. Then, when twice the critical speed 2! 1 is reached, a large vibration (or whirling) will occur as shown in Fig. 1 under certain conditions. When the shaft speed is increased further, this vibration will not diminish but may continue as it was or it may become even larger, unlike resonant vibrations. This is typical of oil whip.
The features of oil whip are summarized as follows:
(1) When the shaft speed is raised from zero, oil whip starts in many cases at twice the critical speed and continues to exist beyond that speed.
(2) The whirling speed of oil whip is almost constant and equal to the critical speed.
(3) The whirling direction is the same as that of the shaft rotation.
(4) Oil whip occurs easily when the journal floats up easily.
(5) Below twice the critical speed, the shaft may sometimes whirl quietly with little shaft bending. The whirling speed in this case is equal to one-half of its rotational speed (proportional to the rotational). This is called oil whirl or half-speed whirl.
(6) Later, Newkirk and Lewis (1956),
10),11)
Pinkus (1956) 12) and others reported that in some cases the oil whip onset speed was somewhat or significantly higher than twice the critical speed as shown by a broken curve in Fig. 1 . Even in this case, however, when the rotating speed is lowered, oil whip usually continues to exist down to twice the critical speed.
Oil whip had been an obstacle to the increase in the rotating speed or the length of a shaft (or output in the case of a generator) for many years until the mechanism and the preventive method of oil whip were made clear by .
1)

Oil whip theory.
Newkirk and Taylor regarded oil whip as a resonant vibration caused by the oil circulation in the oil film. This theory, however, cannot explain why the amplitude of oil whip does not diminish when the shaft speed passed twice the critical speed, and why sometimes oil whip starts at a speed somewhat or significantly above twice the critical speed. To explain oil whip reasonably, it is necessary to treat it as a self-excited vibration due to oil film action; or more concretely, (1) to calculate the oil film force (the force exerted by the oil film on the journal), (2) to write down the equation of motion of the rotating shaft supported by the oil film force, and then (3) to examine the stability of the shaft (whether the shaft can rotate stably or becomes unstable leading to oil whip), by applying a stability criterion to the equation of motion.
Robertson examined stability in this sense for the first time (1933).
13) The oil film force he obtained under the assumption of an infinitely long bearing and Sommerfeld's boundary condition (the oil film pressure is assumed to be zero (or equal to the ambient pressure) both at the maximum clearance position ¼ 0 ( = circumferential angle) and the minimum clearance position ¼ in the bearing) is as follows, being resolved into a component in the direction of eccentricity P and that normal to it P :
where is the coefficient of viscosity, R j is the bearing radius, c is the radial clearance of the bearing, L is the bearing length, is the eccentricity ratio e=c where e is the distance between the bearing and journal centers, is the attitude angle (the angle between the eccentricity direction and the vertical downward direction) and ! is the rotating speed of the shaft. The dots over _ and _ show time differentiation. Then, the calculated pressure in the circumferential region from ¼ 0 to is positive and that in the region from ¼ to 2 is negative of the same absolute value.
Robertson examined the shaft stability graphically using Eqs. 2.1 and 2.2, and concluded that the speed limit of stability is always zero, meaning that the rotating shaft is always unstable. However, this is not actually the case. Later, Poritsky (1953) 14) used the same oil film force and examined the stability mathematically and more rigorously and obtained the same result. No papers at that time could explain oil whip phenomenon satisfactorily.
The (1) used Gümbel's (or half Sommerfeld) boundary condition in which the negative pressure obtained under Sommerfeld's condition in the region from ¼ to 2 is replaced by zero, (2) divided the shaft vibrations into a small vibration and a large vibration (or whirling) and calculated their stability limits separately, and (3) combined them to explain the process of the occurrence of oil whip.
Later, more precise calculations under various conditions became possible with the development of computers. Many detailed numerical computation were performed by Someya (1963) 17) (1964) 22) calculated the oil film force and stability using the short bearing approximation. Nakagawa and Aoki (1965) 23) obtained an approximate analytical solution of a finite length bearings; Harada and Aoki (1971) 24) studied the stability of a shaft in turbulent journal bearings using an approximate analytical solution.
The major points of oil whip theories will be explained here mainly along Hori's papers.
2.1.3 Oil film pressure and oil film force. First, the dynamic Reynolds' equation, which takes journal motion into consideration, is solved for the dynamic oil film pressure. The pressure is then integrated over the journal surface to obtain the dynamic oil film force that acts on the journal.
If an infinitely long bearing is assumed in Fig. 2 , the dynamic Reynolds' equation for the shaded part of the oil film can be written as follows:
where R j is the radius of the journal and is the coefficient of vicosity. Further, h is the oil film thickness, U is the circumferential velocity of the journal, @h=@t is time change of oil film thickness due to the journal motion. Eq. 2.3 is integrated under Gümbel's boundary condition to obtain the pressure distribution pðÞ in the oil film.
16) Then, multiplying the oil film pressure pðÞ by cos and sin , and integrating them in the range of ¼ 0 $ as shown below yield the dynamic oil film force:
where L is the bearing length and R j is the journal radius. After some calculations, the following results are obtained:
where _ is the whirling speed of the shaft. Eqs. 2.5 and 2.6 can be compared with Eqs. 2.1 and 2.2 as follows:
(1) For _ ¼ 0, Eq. 2.1 gives P ¼ 0, but Eq. 2.5 generally gives a P of finite value.
(2) The term ð! À 2 _ Þ is not included in Eq. 2.1, but it is included in Eq. 2.5.
(3) Whereas _ is not included in Eq. 2.2, it is included in Eq. 2.6.
(4) ! and _ always appear only in the combined form of ð! À 2 _ Þ. This shows that no oil film force acts on the journal when it steadily whirls at a speed of half its rotating speed. This is in agreement with the considerations by Newkirk and Taylor in their first paper.
These facts have important meanings in terms of bearing characteristics.
The oil film force in the case of the short bearing approximation can be calculated by a similar method. The results are given in the following form, similar to the above expressions:
The oil film force of a finite length bearing can also be written in the following form, similar to those of an infinitely long bearing and a short bearing.
21)
½2:9
½2:10
In this case, P
, P
and P
are functions of with the bearing dimensions as parameters. These are usually calculated numerically.
Linearization of the oil film force. In order to discuss the linear stability of a shaft, the oil film force is linearized beforehand in the neighborhood of the equilibrium point of the journal center O j0 ð 0 ; 0 Þ in Fig. 3 . Further, in order to consider the journal motion in the rectangular coordinates system ðx; yÞ shown in the same figure, let us transform the polar components P and P of the oil film force to the rectangular components P x and P y .
Then the oil film forces P x and P y can be written in the following form: where P x0 and P y0 are the stationary values of the oil film force at the equilibrium point and P 0 is their resultant P 0 ¼ ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi ffi
q . The spring coefficients K xx ; Á Á Á and the damping coefficients C xx Á Á Á are non-dimensional and are functions of 0 only. This is important. 2.1.4 Equations of motion. By using the oil film force in the previous section, the equations of motion of a rotating shaft supported by journal bearings can be derived and dynamic characteristics of the rotating shaft can thereby be analyzed.
For simplicity, let us consider a system with one rotor and two bearings (1 rotor -2 bearing system) as shown in Fig. 4 and assume the following:
(1) The shaft of the rotor is a thin bar of a circular section and its mass can be neglected.
(2) A disk with mass m is attached to the shaft at the center.
(3) Both ends of the shaft are supported by journal bearings of the same specification.
(4) The whole system is completely symmetrical with respect to the disk and has no imbalance.
The equations of motion of the disk can be written as follows in the coordinate system ðx; yÞ of Fig. 3 :
where k is the spring constant of the shaft, ðx; yÞ and ðx j ; y j Þ are the coordinates of the disk center and the journal center, respectively; P x and P y are the x and y components of the oil film force P acting on the journal, respectively; and P 1 ¼ mg is the bearing load (g is the acceleration of gravity). P 1 must balance with the oil film force at the equilibrium point P 0 , namely, P 1 ¼ P 0 . Here, P and P 1 denote the sum of the oil film forces of the two bearings and the sum of the two bearing loads, respectively. 2.1.5 Stability limits. It is not easy to discuss the stability of the shaft by the equation of motion of the previous section, because of nonlinearity of the oil film forces P x and P y . Let us divide the vibrations into two categories for which the equation of motion can be simplified, namely into sufficiently small vibrations and sufficiently large vibrations, then discuss the stability of the small vibrations and the large vibrations separately.
Small vibrations mean such vibrations that the amplitude of the journal center around its equilibrium point is sufficiently small compared with its eccentricity from the bearing center. The situation is shown in Fig. 5(a) . In this case, the oil film force Eqs. 2.5 and 2.6 can be approximated by the linear expressions of Eqs. 2.11 and 2.12.
Large vibrations mean such vibrations (whirling) of the shaft that it bends considerably as shown in Fig. 5(b) . In this case, the journal tilts in the bearing, and the journal center inevitably circles around the bearing center for the majority of the bearing length (conical motion). In this case, the oil film force Eqs. 2.5 and 2.6 can be simplified by approximating the journal motion by a steady revolution. The stability limits (diverging criteria) of small vibrations and that of large vibrations are different. By combining them, it is possible to explain the complicated process of the occurrence of oil whip.
Stability of small vibrations. 
where it is assumed that A 0 > 0. If A 0 < 0, then the sign of the whole equation will be changed so that A 0 > 0.
For the solutions x and y to be stable (i.e., they do not diverge), it is necessary and sufficient if the real part of all roots of the characteristic equation Eq. 2.17 are negative, and the Routh-Hurwitz criterion is known as a criterion for this.
When the oil film forces Eqs. 2.5 and 2.6 are used, the Routh-Hurwitz criterion can be reduced to the following stability criterion:
where K 1 ð 0 Þ and K 2 ð 0 Þ are given as follows:
½2:19
and where B 0 ; B 1 ; Á Á Á are as follows.
The shaft will be stable if Eq. 2.18 is satisfied. Eq. 2.18 can be expressed in a chart as shown in Fig. 6 . This is called a stability chart. The eccentricity ratio 0 is taken downward along a vertical axis, and on the other vertical axis to the left, a scale for the relation between nondimensional bearing load P 1 =½6ðR=cÞ
2 RL! and the eccentricity ratio 0 is shown. The horizontal axis shows the nondimensional quantity ð1=! 2 ÞðP 1 =mcÞ. Three curves in the chart are the stability limit curves To the lower right of each stability curve is the stable region and to the upper left is the unstable region. There is no such simple rule that the stability limit is equal to twice the critical speed.
Although infinitely long bearings under Gümbel's boundary condition have been considered so far, short bearings or finite length bearings under other boundary conditions can be discussed in a similar way. Figure 7 20), 21) is an example of stability chart for finite length bearings under Gümbel's boundary condition in the case of ð1=! 2 Þ=ðP 1 =mcÞ ¼ 5.
Stability of large vibrations. When a shaft bends and whirls with a large amplitude, the journal center performs steady revolution around the bearing center in the major part of the bearing length, as shown in Fig. 5(b) . Therefore, by setting the time derivative of the eccentricity ratio _ to be 0 in Eq. 2.6 of the oil film force, the circumferential component of the oil film force P can be written in the following simple form:
where K() is a function of only, ! is the rotating speed of the shaft and ¼ _ is the whirling speed of the shaft. In the case of large vibrations (or whirling), stability means whether the whirling radius of the journal diverges or converges, and in this case, twice the critical speed has an important meaning as seen in Eq. 2.20.
By investigating the equation of motion of the disk under the oil film force of Eq. 2.20, the stability limit for the large vibrations will be obtained as follows:
The large vibrations will diverge or converge, depending on whether ! > 2! 1 or ! < 2! 1 . It should be noted, however, that divergence or convergence of whirling was discussed here under the assumption that the whirling of journal around the bearing center already existed. If no whirling (vibrations) existed beforehand, large whirling does not necessarily occur even if the rotational speed reaches twice the critical speed.
2.1.6 Occurrence of oil whip -Hysteresis -. As described in the previous section, the stability criterion for small vibrations and that for large vibrations (whirling) are different. Combining these criteria provides a reasonable explanation of the process of occurrence of oil whip. When the shaft speed increases from zero, the shaft will be at the bottom of bearing clearance ( 0 ¼ 1) initially and finally floats up toward the bearing center. The point on Fig. 8 correponding to the initial stationary condition is at the lower extreme right (actually at infinity), and as the speed of rotation increases, the point moves toward the origin at the top left. The trajectory followed, however, is different depending on the conditions of the bearing as indicated by a 1 a 2
which correspond to a light shaft, an intermediate shaft and a heavy shaft, respectively. The case of a 1 a 2 _ is considered first. While the operational point is around a 1 , the shaft is still in the stable region. But beyond point A, the shaft is in the unstable region and a half-speed whirl develops. However, since the line of ð2! 1 Þ has not yet been reached, the divergence condition of the whirling is not fulfilled and a large whirling does not develop. When ð2! 1 Þ is reached, since the whirling speed of the half-speed whirl coincides with the natural frequency of the shaft, a large whirl occurs. Beyond this point, since the divergence condition for a large whirling is fulfilled, the whirling will diverge self-excitingly or at least continue. This is oil whip. The situation for a light shaft is shown in Fig. 9 (a). The whirling speed of the shaft is equal to the critical speed (natural frequency), and the direction of whirling is the same as the direction of rotation of the shaft. At the critical speed en route, the resonance vibration and the half speed whirl overlap each other. Next, for a heavy shaft, as indicated by c 1 c 2 _ , even when twice the critical speed has been exceeded, the shaft is still in the stable region and even small vibrations do not occur. Therefore, although the divergence condition for whirling is fulfilled, the shaft remains stable. However, when point C is reached, the shaft becomes unstable and vibrations will develop. Since the divergence condition for a whirl is already fulfilled at this time, it develops into an oil whip immediately. When the rotational speed is further increased, the oil whip will continue to exist as in the case for a light shaft. Since the oil whip, once established, continues to exist at speeds above twice the critical speed, when the rotating speed is lowered, oil whip will continue to occur down to twice the critical speed. Therefore, the routes of amplitude change during increasing and decreasing the shaft speed are different as shown in Fig. 9 (c). This phenomenon will be called hysteresis in oil whip.
is an intermediate case between the two above cases and the amplitude change will be as shown in Fig. 9(b) .
The whole picture of the occurrence of oil whip is now clear.
Prevention of oil whip.
The common methods of prevention of oil whip are derived from the stability charts as follows:
(1) Increase the eccentricity ratio 0 of the journal. The shaft is always stable if the eccentricity ratio is larger than 0.8, irrespective of the shaft speed. To increase the eccentricity ratio, low oil viscosity, high bearing pressure, large bearing clearance are useful.
(2) Raise the critical speed of the shaft. The stable region in the stability chart is thereby expanded. Further, even if the shaft becomes unstable, if the rotating speed is lower than twice the critical speed, violent oil whip will not develop.
(3) The stable region can also be expanded by lowering the (length L/diameter D) ratio of the bearing.
The items (1)- (3) show that oil whip is no longer an obstacle to increasing the shaft speed of all kinds of rotating machines including turbines and blowers.
In the case of generators, oil whip is similarly no longer a barrier to the increase of output of generators. The maximum output of generators used to be kept below a certain level, say 100 MVA or at most 200 MVA, because of the possibility of oil whip.
Generators are usually operated at a specific rated speed, for example at 1800 rpm in the case of 60 Hz machines. In order to increase the output of a generator, a long rotor must be used, the diameter being essentially unchanged to avoid the increase of centrifugal force, which means that the critical speed will inevitably be lowered. If the critical speed becomes lower than half the rated speed, oil whip may occur. This will limit the maximum output of a generator. The item (1) shows, however, it is possible to operate a long rotor of a low critical speed at any high speed without the possibility of oil whip.
The output of generators increased suddenly soon after the mechanism of oil whip was made clear, as shown in Fig. 10 . 25) This was a breakthrough in the design of large-output generators. The critical speed of the rotor of a generator of the class of 1000 MVA are often as low as 600 rpm. In other words, such generator rotors are operated at the speeds of five or six times the critical speed.
Stability of multirotor systems such as turbogenerators were also studied.
26)-29)
While the above-mentioned methods (1)-(3) are effective in circular bearings, the following methods using special bearings are also possible.
(4) Use non-circular bearings such as two circular arc bearings (lemon bearings) or three circular arc bearings. In these bearings, the radius of curvature of the metal surface is larger than that of a circular bearing, and hence the effective eccentricity ratio of the journal is large and so stability is high.
(5) Use floating bush bearings. In this case, a floating bush is inserted between a journal and a fixed bush and hence there are two oil films, one inside and one outside the floating bush. Stability is generally improved by using floating bush bearings, but the stability chart is complicated and sometimes stability can decrease. It is recommended that stability be examined for each case.
(6) Use tilting pad bearings. In this case, a bearing metal is divided into several pads, each of which can tilt freely on its respective pivot, and hence the coupling terms of the oil film coefficients are zero. Therefore, stability is essentially high. In 2.1.8 Seismic effect on oil whip. Although there has been much research on earthquake-resistant design of structures such as buildings, there is very little on that of machines, including rotating machines. However, machines such as generators are the cornerstones of human society, and their earthquake-resistivity is very important.
The rotor of a large generator or steam turbine is usually operated in the hysteresis region of oil whip, namely below the stability limit but above twice (typically five or six times) the critical speed. Although the rotor is stable in that region, it is stable only on the basis of a linear theory that considers small vibrations, and stability is not necessarily guaranteed under the influence of a large disturbance such as an earthquake. Since the condition for divergence of large amplitude whirl is satisfied at speeds in that region, a large disturbance such as an earthquake can trigger sudden violent oil whip in a previously stably running rotor. The influence of an earthquake in such a case has not been considered until now in the design of rotating machines such as generators. It is necessary to examine, at the design stage or even in operation, whether a rotor can remain in a stable state under the size of earthquake that can be expected.
In order to discuss the influence of a big disturbance such as an earthquake on the behavior of a rotor, a linear theory is inadequate because of the nonlinearity of the oil film characteristics of the bearing. The nonlinear stability of a rotor can be examined by calculating the response locus of the journal center to an earthquake using the RungeKutta-Gill method (Hori).
40)
Suppose a symmetrical rotor supported by two bearings is installed on a pedestal as shown in Fig. 11 and an earthquake occurs under the pedestal. For the calculation of the response locus of the journal, Reynolds' equation must be solved for the position and the velocity of the journal center at every short time step, then the oil film pressure obtained must be integrated over the journal surface at each time step to obtain the oil film force, and then the equation of motion must be solved at each time step repeatedly (Hori et al. 41 ),42) ). As an example, a rotor system of the parameters of L=D ¼ 0:5; B p ¼ 0:02 and c ¼ 1:0 is considered where L=D is the slenderness ratio of the bearing, B p ¼ ðL=Þðr=cÞ 3 ðg=W Þ ffiffiffiffiffiffiffi c=g p is a bearing parameter and c ¼ ! 1 ffiffiffiffiffiffiffi c=g p is an elasticity parameter of the rotor (where ! 1 ¼ ffiffiffiffiffiffiffiffiffi ffi k=m p = the critical speed). According to the linear theory, the stability limit of this system ! st is given by ! st =! 1 ¼ 4:714. As a rotating angular velocity of the rotor, ! given by S ¼ !=! 1 ¼ 3:2 is taken here because, as shown in Fig. 12(a) , this is in the domain of hysteresis. Now, consider a rotor currently stably rotating at the speed of !=! 1 ¼ 3:2 (the journal center is at an equilibrium point), and suppose that one cycle of the following sinusoidal acceleration in the horizontal direction is suddenly applied to the pedestal: Three values of acceleration A are considered (g = the gravitational acceleration). ! e is the angular velocity of the sinusoidal wave of disturbance. The response locus of the journal center calculated in the case of A ¼ 0:3g is shown in Fig. 12(b) . It is seen that the shaft which was running stably until the earthquake occurs, goes into an oil whip state, and the journal whirls to the limit of the clearance circle. For these calculations, the time step used by the Runge-Kutta-Gill method was 1=50$1=500 of the natural frequency of the shaft. For A ¼ 0:05g and A ¼ 0:1g, the disturbances were so small that they did not trigger oil whip.
Thus, if a rotor which is rotating in the hysteresis domain is hit by a large external disturbance beyond a certain limit, the rotor will jump into an oil whip state, although nothing particular happens if the disturbance is small. This was later confirmed experimentally by adding an artificial mini-earthquake with a hammer to the pedestal which carries a rotating shaft (Adams) . 43) Since generator rotors are usually operated in the hysteresis domain, caution must be exercised.
Seismic calculations were performed also in the case of multirotor systems.
44)-47)
2.1.9 Chaos in rotor-bearing systems.
If an imbalance of a rotor and a bearing load are changed variously while it is running in the hysteresis domain, it has been shown that all kinds of rotor responses can occur, e.g., periodic, quasi-periodic and chaotic. 43) These examples are shown in Fig. 13 . Which one of these three actually occurs and when the transition from one state to another occurs is very sensitively related to the operating conditions of the rotor. Thus, it has been reported that chaotic phenomena are useful as safe diagnostic tools in assessing risks associated with the stable limit cycle within the hysteresis.
2.2 Hydrodynamic lubrication in high speed bearings. 2.2.1 Heat generation and temperature rise. Heat generation in the oil film and the accompanying temperature rise are the most important factors in bearings, especially in high speed bearings. On the other hand, the problems of heat generation and temperature rise are hard to handle both theoretically and experimentally. Therefore, they were not considered in, for example, the early theory of Reynolds. It is thanks to the later development of computers that this kind of problems can now be handled theoretically.
Hydrodynamic lubrication that takes heat generation and temperature rise into consideration is called thermohydrodynamic lubrication, or THL. In the usual Reynolds' equation, it is assumed that the coefficient of viscosity and the density of the fluid are constant. In THL analyses, however, the change in these quantities cannot be ignored, i.e., Reynolds' equation must be generalized so that it can take these changes into account. This equation, the most important basic equations for THL, is called a generalized Reynolds' equation (Dowson 48) ). Beside this, the basic equations include the energy equation for a lubricant film, equations of viscosity change, density change, heat conduction, heat transfer and heat expansion. Figure 14 shows a comparison of the experimental and theoretical temperature distribution at the middle cross section of the bearing metal. . Experimental and theoretical isotherms are in good agreement which shows the validity of the theoretical treatment. Figure 15 shows calculated temperature distributions at the middle cross section of the oil film in 
The figures show that the temperature distribution in the oil film is far from uniform.
Turbulent lubrication.
In Reynolds' theory of lubrication, the flow in a lubricant film is assumed to be laminar. In a large, high speed bearing in recent years, however, the flow is often turbulent. In this case, the shear resistance and heat generation in the fluid film increases markedly. And what is worse, the flow rate of the oil will decrease. These are big problems for bearings. On turbulence in bearings, since Wilcock's experimental work (1950) 49) and Constantinescu's theoretical contribution (1959), 50) many studies have been carried out, for example.
51)-53)
While most analyses in the past are based on Prandtl's mixing length model and it will suffice when pressure gradient is not very large (when the eccentricity ratio is small in the case of bearings), more general analyses based on the k-" model 54),55) (k = kinetic energy of turbulence, " = dissipation rate of turbulence) are necessary when the pressure gradient is large and a reverse flow arises in the fluid film (when the eccentricity ratio is large in the case of bearings). The k-" model is less affected by pressure gradient. Figure 16 shows a comparison of a k-" model analysis with an experiment in the cases of Re ¼ 2000 and Re ¼ 5000.
7) The non-dimensional load capacity P ¼ P =ð2UR
2 L=c 2 Þ (the left scale) is plotted against eccentricity ratio . The reciprocal of Sommerfeld's number S À1 is also shown in the figure (the right scale). The relation S À1 ¼ 2P holds between the two vertical axes. The theoretical and experimental results of load capacity or Sommerfeld's number are in good agreement even when the eccentricity ratio exceeds 0.95. This shows that the lubrication theory based on the k-" model can be applied to bearings with very high eccentricity ratios.
Lubrication of ceramics with water, nitrogen and indium
Modern machineries are generally made of metal alloys, and their sliding or rolling elements are lubricated with mineral oils which protect metallic surfaces against corrosion and form oil film to separate mating surfaces by the hydrodynamic effect of oil between surfaces.
The oil film must be thick enough to avoid direct contact of asperities on mating surfaces which are formed in the process of surface finishing and running-in and in the occasional film rupture during repeated start and stop of frictional motion.
The representative maximum roughness of such contact surfaces changes in the range from 1.0 to 100.0 mm in many cases, which means the oil film thickness should be larger than such roughness value. The viscosity in the range from 0.02 to 20 PaÁs becomes the requirement of oil for standard machineries because of this reason.
The stability of rotary shaft in high speed journal bearings explained in the previous chapter is for such a relatively thick oil film formed hydrodynamically between metallic surfaces of rotary shaft and bearings.
This chapter changes the subject from the stability of lubricated system of machinery to the potential of practical usefulness of new lubrication Figure 17 shows Stribeck curves observed with SiC/SiC pair in water and with metal/metal pair in oil, 56) where the symbol '''' is now used to describe ''friction coefficient'' and not for coefficient of viscosity. '''' will be used in this way in the followings. The curves of SiC/SiC are situated much below those of iron/steel and PB/metal. The minimum values of friction coefficient at the elasto-hydrodynamic state of SiC/SiC are also much smaller than those of iron/steel and PB/steel.
They all confirm the high potential of practical usefulness of water lubrication of SiC/SiC in the view point of small friction coefficient around 0.001.
3.1.2
The effect of surface texture on friction and load carrying capacity. In water lubrication of ceramics, the water film thickness at the contact interface is briefly estimated as below 100 nm. For lubrication with such a thin water film between hard ceramic surfaces, the microscopic pattern of surface texture has a strong effect on resultant friction. Figure 18 shows the friction coefficient in relation to contact load SiC disk sliding against flat end of SiC cylinder, where the surface of SiC disk is untextured or textured with micro pits.
58)
Three combinations (pit diameter, pit area ratio, pit depth) for textured surfaces in the figure are (150 mm, 2.8%, 3$4 mm), (150 mm, 22.5%, 3$4 mm) and (350 mm, 4.9%, 3$4 mm).
It is obvious in the figure that the critical load W c for seizure initiation is strongly influenced by the pattern of micro pits. Figure 19 shows the distribution of critical load ratio W c /W co for textured surfaces with the parameters of h/d (depth/diameter of pit) and the pit area ratio r (%), where pits of the same size and shape are uniformly distributed on the disk surface.
58) The conditions marked as '' '' are these at which the critical load was increased to at least two times grater than that of an untextured one, '' '', '' '' represent the increment between 1:5$2:0 times, 1:0$1:5 times respectively, and '' '' represents that critical load was decreased at that condition. It is now clear that there exists a region around the pit area ratio of 5% and depth-diameter ratio of 0.015, where critical load was increased to at least two times larger than that of an untextured one.
For observing the surface texture effect on friction more in detail, three different pit patterns are formed on SiC disk as shown in Fig. 20 , where the 1st pattern has the uniform distribution of rectangular small pits (40 mmÂ40 mm), the 2nd one of circular large pits (350 mm) and the 3rd one of a mixture of the 1st and 2nd ones. 
59)
In the figures, the minimum friction coefficient ¼ $ 0:0001 is observed with the texture of RSP and the maximum critical load W c % 4000 N with the one of CLRSP, which means that the type of texture pattern is another important function to obtain the small friction and large load carrying capacity for sliding bearings in water.
Mechanisms of water lubrication. A thin
water film of the thickness in nano-meter scale should work theoretically in hydrodynamic lubrication when contact surfaces have roughness values smaller than the value of film thickness and the amount of deformation of contact surfaces is within the limit for keeping water film hydrodynamically. This situation is achieved by ceramic pin/disk sliding in water as shown in Fig. 22 for SiC pin/SiC disk and Si 3 N 4 pin/Si 3 N 4 disk. 60) In the figure, the friction coefficient drops in both cases from the initial high values to steady low ones after a certain 
59)
No. 8]
Studies on tribologyamount of repeated friction cycles. Figure 23 shows the SEM images of wear scars on surfaces of pin and disk of Si 3 N 4 observed after the running-in test in Fig. 22 . The wear scars are quite smooth and wear grooves are not visible in the images.
Such wear scars observed after sufficient running-in are generated by experiencing the modes of mechanical and tribo-chemical wear as shown in Fig. 24 where the mean contact pressure was quickly reduced by wear of pin-tip from the value above 28 MPa to about 5 MPa and the friction coefficient is finally reduced to below 0.01 after the sliding of about 1100 m.
Following tribo-chemical reactions at the contact interfaces of Si 3 N 4 /Si 3 N 4 and SiC/SiC are considered to take place for wear,
It is observed at the same time that some gel-like viscous complex materials are formed on the friction surfaces which give low friction even after removal of water from the contact region. 63) Further chemical analysis of tribo-chemical reaction is required for the better understanding of mechanism of water lubrication.
Nitrogen lubrication. 3.2.1 Friction of
Si 3 N 4 /CN x in N 2 gas. Figure 25 shows the effect of environmental gas on friction coefficient of Si 3 N 4 pin/CN x coated Si wafer, where the initial surface roughness R max of pin is 15 nm and that of CN x coating 1$3 nm. CN x coating is formed on Si wafer 
Friction of Si
N 4 /CN x with N 2 gas stream in air atmosphere. When N 2 gas is supplied through a tube of 4.5 mm diameter to the sliding interface between Si 3 N 4 pin and CN x coating on Si 3 N 4 disk in air, high friction coefficient of 0.7 in air is effectively reduced as shown in Fig. 26 . The amount of reduction in friction depends on the amount of N 2 gas supply, and the friction coefficient around 0.05 is generated by the supply of 4.8 '/min.
3.2.3
The sliding history effect on friction of CN x /CN x in N 2 gas stream. Figure 27 shows the change of friction between CN x coatings on pin and disk of Si 3 N 4 in the stream of gases of N 2 , dry air and O 2 supplied through a tube of 4.5 mm diameter in air.
66) The friction coefficient in air is steady at around ¼ 0:25, and it is reduced to about ¼ 0:07 
62)
Pin Disk 
61)
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by having the stream of N 2 gas. The gas streams of O 2 and dry air give the friction coefficients of 0.16 and 0.11 respectively. Figure 28 (a) shows the same data for N 2 gas in Fig. 27 on the semi-log scale. N 2 gas is supplied after the initial running-in of 100 friction cycles in air in Fig. 28(b) , and after 50 friction cycles in O 2 in Fig. 28(c) . 
66)
No. 8] Studies on tribology Fig. 28(a) for the stream of N 2 gas and generated relatively largest wear rate as shown in Fig. 29 . This kind of progressive wear was almost perfectly stopped in the running of Figs. 28(b) and (c) after the supply of N 2 gas at 100th cycle and 50th cycle respectively. Figure 30 shows optical images of wear scars on CN x coated Si 3 N 4 pin at the 10th and the 10000th friction cycles. By comparing these two images, it is clear that wear scar is not enlarged at 10000th cycle, which means the formation of some protective thin layer on the wear surface. 
Although microstructural analyses of them are not well done at present, the observed phenomena in Figs. 27$30 seems to promise a new field of lubrication where ideally protective tribo-layers for low friction and wear are formed by the combined effect of adsorption of gases, mechanical mixing of contact elements and tribologically activated chemical reaction.
67) It would be like in the case of formation of tribo-layer on iron oxide surface lubricated with engine oil containing ZDDP.
67),68)
3.3 Indium lubrication.
3.3.1 Friction of Si 3 N 4 /SUS440C with indium deposition in vacuum. In Fig. 31(a) , In is evaporated from the crucible and deposited on rotary SUS440C disk surface for about 1 min before sliding contact and in Fig. 31(b) it is deposited for another one or two minutes with sliding. This way of coating is called as ''tribocoating'' and the resultant coating film shows long life to give low friction in the following friction cycles of 10 4 $10 6 as shown in Fig. 31(c) . Figure 32 shows the effect of tribo-coating of In supplied for 1$2 min in the initial period of sliding of rotary SUS440C disk against Si 3 N 4 pin in vacuum. The total amount of deposition is less than 70 nm in thickness.
69)
70) The figure shows that the low friction coefficient around 0.02 is well kept for about 2 Â 10 5 cycles by having a small amount of In supply in the initial period of sliding. Figure 33 shows the effect of periodic supply of In by deposition during sliding in vacuum after the initial tribo-coating. Each supply of In is made by deposition with the rate of 2 nm/min and for 1$2 min.
The periodic supply less than 4 nm by each amount is sufficient to keep low friction coefficient around 0.05 for about 10000 cycles under 1.3 GPa contact pressure. This means that the tribo-system in vacuum can be well lubricated by the periodic supply of In by deposition during sliding with a small amount. Figure 34 shows friction curves observed with coatings of In formed by tribo-coating, In by vapor deposition, Ag by ion-plating and Pb by ionplating. It is very clear by comparing them that the coating of In by tribo-coating shows the lowest friction coefficient for the longest period among four kinds of coatings.
70)
When In is supplied by tribo-coating to a ceramic ball bearing, which has Si 3 N 4 balls and 
69)
No. 8] Studies on tribologySUS440C rings, it shows much better performance with smaller average value of friction coefficient and smaller disturbance in vacuum than a conventional ball bearing lubricated with MoS 2 /PTFE composite for space as shown in Fig. 35 .
70)
3.3.2 Mechanism of lubrication by tribo-coating of indium. As shown in Fig. 34 , In coating by vapor deposition only is bonded to the surface of SUS440C disk very weakly and quickly removed from the surface after about 500 cycles of sliding against a Si 3 N 4 pin and gives high friction. In tribo-coating of In, on the other hand, some surface layer so called tribo-layer is formed on the wear surface of Si 3 N 4 pin after sliding against SUS440C disk as shown by the SEM image in Fig. 36 (a 1 ) . However the chemical analysis on the same surface by EDX does not show the clear uniform existence of In as shown in Fig. 36 (a 2 ) . Some small amount of In is detected only along the periphery at the contact entrance. Figure 36 
71)
SEM image of tribo-layer observed on the wear surface of Si 3 N 4 pin after sliding. Analysis on its surface by EDX shows rich existence of In in this case as shown in Fig. 36 (b 2 ) . The friction coefficient is around 0.02 with the tribo-layer shown by Fig. 36 (a 1 ) and around 0.07 with that by Fig. 36  (b 1 ) , which means that a surface layer of In only is not sufficient to give friction coefficient around 0.02.
The TEM image of the cross section of tribolayer in Fig. 36 (a 1 ) is shown in Figs. 37(a) and (b) , where (a) shows the whole cross sectional view of a tribo-layer of about 400 nm thickness and (b) shows its partial magnified view. The dark spots in (b) has crystalline structure as shown by the TEM image in Fig. 38(a) and the matrix of relatively light color part has amorphous structure as shown by the diffraction pattern in Fig. 38(b) . Figures 39(a) and (b) show the EDX spectrum observed on the nano-particle and matrix in Fig. 37 , where rich content of In is found in the nano-particle and relatively large contents of Si, O, Cr and Fe are found in the matrix. The chemical element of Cu in Fig. 39 comes from the holder of specimens.
By considering the observed micro structure and chemical elements in the tribo-layer, it is supposed that nano-particles of In dispersed in the layer may continuously supply In to the contact interface by a small amount from the inside of layer to form very thin lubricous In-based layer which is undetectable in Fig. 36 (a 2 ) . The tribo-layer of about 400 nm thickness may also act as a good suspension between the lubricous layer and hard substrate of Si 3 N 4 .
It is worth to remind that the importance of tribo-layer formed by tribo-assisted coating of In between the surface of Si 3 N 4 pin and SUS440C disk is analogous to the tribo-layers formed on the sliding surfaces of SiC and Si 3 N 4 in water and those on Si 3 N 4 and CN x in N 2 gas. 
No. 8] Studies on tribologychange of microscopic morphology of surfaces in contact. It has been observed in bearings as ''running-in'' in the condition of boundary lubrication with liquid such as oil or water, where state of wear transits from severe to mild in repeated friction cycle and finally good conforming between contact surfaces is achieved to generate elasto-hydrodynamic and hydrodynamic lubrication. Similar mild wear state is generated on purpose in polishing for having mirror surface. In other various contacts, wear has been recognized by ''the increase in friction, vibration or leakage'', where the optimum surface roughness and profile are changed unfavorably by wear of various modes in repeated friction cycle.
In observations such as Figs. 23, 24, 30 and 37, wear is recognized as the necessary process to have good conforming between sliding surfaces and form protective and lubricious thin tribo-layer by transfer, retransfer and mechanical mixing of surface materials in the process of repeated friction cycle.
Essential parts of our observations of wear to understand those phenomena are described below. has been well made for metals by observations in the past 50 years.
The abrasive wear mode in Fig. 40(b) is described more in detail by the abrasive wear mode diagram, so called ''wear map'', in Fig. 41(b) 
73)
where the degree of penetration D p , representative plastic strain " r and relative shear strength f at the contact interface are defined as follows with a model shown in Fig. 41(c) ; A theoretical model is made to predict wear rate in the modes of typical abrasive and wedge forming wear and the result of theoretical calculation is shown in Fig. 42 74) as a relation between wear resistance and hardness, where wear resistance is an inverse of wear rate (mm 3 /Nm). The plots of experimental values well agree with the theoretical prediction shown by the solid line.
Wear in the mode of ploughing in Fig. 41 (b) does not generate wear debris by one pass of sliding but cause surface plastic flow with multi-passes of mating pin by the mechanism of low cycle fatigue in the surface layer.
75)
Figures 43(a), (b) and (c) show the surface extraction caused by plastic flow of surface layer around the Vickers indentation mark by the repeated sliding pass of mating steel ball surface in alkyl naphthalene. In Fig. 43(c) , the initial indentation mark is well covered by the surface extraction after sliding passes of 4:8 Â 10
4 . The amount of plastic flow ÁD x is measured on the indentation mark in the direction of sliding and is shown in Fig. 44 as a function of number of passes. The observed flow rate is changed sensitively in the range from 0.07 to 4.46 Å/pass by the change of contact pressure and sliding velocity as shown in Figs. 45(a) and (b) . 75) Thin filmy wear particles generated in this way are shown in Fig. 46 .
76)
The wear mode observed in Figs. 43, 44 and 45 is named as flow wear and its mechanism is considered as racheting.
Remaining question for further understanding is the microstructure and material property of surface layer. Answer would be given in the future by any model of quantum molecular dynamic simulation.
Ceramic materials.
Ceramic bulk materials such as SiC, Si 3 N 4 , Al 2 O 3 and ceramic coatings such as DLC (diamond-like-carbon) and CN x (carbon nitride) are generally very hard and brittle with low toughness. However they are stronger than metals in supporting load and transmitting motion when contact stress of compressive and shear are appropriately chosen. In the region of severe wear mode, surface cracks are propagated to form wear debris and wear rate becomes unacceptably high (> 10 À6 mm 3 /Nm) for general tribo-elements.
In the region of mild wear mode, smooth wear surfaces covered by tribo-layers are formed with low wear rate (< 10 À6 mm 3 /Nm). Figure 48 describes the wear map of hard coatings sliding against a spherical pin to show three modes of delamination of coating with the newly introduced two ratios of Y f /Y b (Yield strength of coating/Yield strength of substrate) and t/a (coating thickness/contact radius).
77)
78),79)
The map tells that crack propagation for coating delamination is initiated in the substrate, at the bonding interface or in/on the coating depending on the combination of t/a and Y f /Y b under the given elastic modulus ratio E f /E b and friction coefficient .
When the contact load is very small in the range of nN$mN and the contact stress region is limited on the top surface of coating, the surface layer of hard ceramic coating such as silicone nitride 
76)
behave like a plastic material in the repeated contact of ploughing mode shown in Fig. 41(a) . Figure 49 shows the relationship between the average amplitude of plastic strain Á" p in the contact region of CN x coating and the number of friction cycles N c for delamination of coating surface observed in the load range of nN$mN. The observed linear relationship on log-log scale described by It is shown and confirmed in the previous articles of water lubrication, N 2 -gas lubrication and tribo-coated In lubrication that the thin tribo-layer plays the key role in protecting the contact surfaces and reducing friction and wear.
Therefore its mechanical and chemical properties, microstructure and formation mechanism become main subjects to understand for better control of friction and wear.
The well recognized tribo-layer in lubrication of engine is formed on iron oxide surface by sliding against steel in lubricant of PAO (Poly-AlphaOlefin) containing 1% ZDDP (Zinc Dialkyl Dithio Phosphate). Figure 50 shows its cross sectional TEM image of tribo-layer of 200 nm thickness and distributions of chemical elements of Zn, Fe, P, C, O, Cr and S in it.
67)
It is clear from this observation that a tribolayer is not formed by simple chemical reaction and film growth. Microscopic mechanical mixing of chemical elements and tribo-chemical reaction may take place to form a tribo-layer like one in Fig. 50 . Similar discussion would be available for tribo-layers observed in Figs. 30, 37, 45 and 46 when finer analyses by TEM and EDX would be made.
Static friction
5.1 Junction-growth and static friction at contact of asperities. In the case of hydrodynamic lubrication, load is supported by the hydrodynamic pressure in liquid or gas film between two moving surfaces and friction is generated as the flow resistance of liquid or gas between the surfaces. In other cases of contact of solids, load is supported at micro asperity contacts which are deformed elastically and plastically under the combined effect of load and friction and are finally fractured to form wear particles. Figure 51 shows the relationship between the friction coefficient and the corresponding contact area A at one plastic contact between two asperities before the occurrence of gross sliding. Experimantal equation is given by
½5:1
where A 0 is the contact area at ¼ 0 and is an experimantal constant given as follows for each tested materials; ¼ 10:8, 8.9, 5.5 and 4.2 for mild steel, aluminum, phosphor bronze and brass respectively. 82) The maximum value of for each material gives the so called static friction coefficient at the contact.
The theoretical curve in the figure is calculated by a plastic model and theory of slip line field.
83)
It is important to know that any model for lubrication or wear should consider the change of contact area A, which is called as Junction-growth, caused by plastic deformation in contact region before gross sliding.
Static friction is observed at the last stage of the junction-growth as the termination of deformation and the separation of contact.
Contact shape effect on static friction.
When friction force F is gradually increased at an elastic contact between a circle and flat under the load W in Fig. 52(a) , partial micro-slips are introduced from the periphery of circular contact area by the gradual increase in F accompanied by the elastic deflection x of circle.
The micro-slip region is enlarged by slip propagation caused by the further increase in F .
When all contact region is covered by the slip region, macroscopic sliding of the circle is generated and static friction coefficient s is observed as s ¼ 0:85. Figure 52(b) shows the effect of small two inclusions at the center of contact region, where micro-slips are introduced around them before the introduction along the circular periphery. Because of this mechanism, contact region is quickly covered by micro-slip giving s ¼ 0:69 which is much smaller than the value of s in Fig. 52(a) .
In Fig. 53 , four kinds of shape of contact area of similar size are tested in the same way as in Fig. 52 to see the effect of contact shape on friction.
It is obvious in the figure that the level of coverage of micro-slip region on the contact area at the same friction force is quite different each other and the value of static friction coefficient is also very different as the result.
The observations in Figs. 52 and 53 clearly tell that the static friction coefficient in nature and engineering products strongly depends on the contact shape and micro-inclusions in the contact region.
Junction-growth at one contact between micro asperities shown in Fig. 51 can be considered as more microscopic phenomenon than micro-slip initiation and propagation in the elastic contact region.
Only when a contact element is very small in mm scale and elastic contact area is similar to the element size, junction-growth may be neglected.
Summary
Tribology covers the fields of friction, wear and lubrication which exist all around in nature and human society.
The demand of controlling them at high level has been increased very rapidly in the past one hundred years.
Some achievements made by the authors are described in this paper and summarized as follows;
(1) The oil whip phenomenon is clarified theoretically for the first time in the world. Stable operation of an arbitrarily high speed rotary shaft supported by journal bearings can be made by the theory. (2) The dynamic anti-earthquake design method of rotary shaft-bearing systems is first proposed to avoid sudden oil whip generation by a large disturbance such as an earthquake.
(3) Large contributions to the theoretical and experimental analyses of temperature rise and turbulence in lubricating films are also made.
(4) The high potential of water lubrication of ceramics for practical use is shown experimentally, and main part of lubrication mechanism is made clear.
(5) The low friction phenomena at the contact between silicon nitride/carbon nitride and carbon nitride/carbon nitride in N 2 gas atmosphere are shown experimentally for the first time in the world. It promises a new lubrication method with nitrogen gas by forming lubricous tribo-layer.
(6) Tribo-coating of indium supplied for one $ two minutes on a SUS440C stainless disk sliding against a silicon nitride pin in high vacuum gives low friction coefficient around 0.02 and long life over ten thousand cycles. Thin tribo-layer of the thickness around 400 nm is confirmed to play a key role for the reduction of friction and wear.
(7) Wear maps are proposed for classifying various wear modes and the importance of tribolayer formation is shown. The mechanisms of junction-growth at the plastic contact of asperities and micro-slip propagation at the elastic contact area are shown experimentally and theoretically to understand static friction.
